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In this study, a recently developed truck anti-idling air conditioning (A/C) system is investigated. A
mathematical model is developed to simulate the thermodynamic and heat transfer characteristics of
the A/C system and calculate the coefficient of performance (COP). Utilizing environmental chambers
and a number of measuring equipment, an experimental setup is built to verify the accuracy of the
mathematical model and to perform a comprehensive study on the performance of the system for a wide
range of operating conditions. A good agreement between the simulation and the experimental data, with
a maximum discrepancy of 10.6%, is achieved. The results show a range of 0.5–1.7 for the system COP
under a variety of operating condition. The parametric study shows that for any cooling demand, ambient
and indoor air temperatures, there is a point of optimum COP that can be achieved by adjusting the con-
denser and evaporator fans speed.

� 2015 Elsevier Ltd. All rights reserved.
1. Introduction

Idling vehicle engines, which is defined as running the engine
while the vehicle is not moving, to power the auxiliaries, consumes
a tremendous amount of energy leading to large quantities of
greenhouse gas emissions (GHG). Long-haul trucks often idle over-
night for 6–16 h to keep the driver comfortable while resting [1,2].
When the engine is running at idle condition, it takes a rich mix-
ture of air and fuel, such that the fuel consumption rate is high.
Additionally, during idling, the engine is not able to work at peak
operating temperature and the combustion of fuel is incomplete
that leaves fuel residues in the exhaust and thus, emission levels
increase. On average, truck engines run at 30% thermal efficiency
throughout highway operation, but at only 3–11% efficiency during
idling [3–6]. For passenger vehicles across a wide range of sizes,
the idling fuel consumption was shown to vary in a range of 0.7–
1.9 lit/h. The commercial truck idling results in an average mainte-
nance cost of $0.12/h in addition to 2.3–7.6 lit/h fuel consumption
that uses over 8% of the total fuel [2,7]. In the U.S., idling consumes
about 6 billion gallons of oil per year, costing about $20 billion [7].

Gaines et al. [2] tested a late- model mid-sized car (2011 Ford
Fusion) for idling disadvantages at 21 �C ambient conditions and
by considering all the effects of engine restart/warm-up and cata-
lyst cooling, they showed that idling for more than 10 s uses more
fuel and emits more CO2 than restarting the engine. Truck idling
alone stands for half of the total idling consumption globally.
Idling emissions of a truck engine can be as high as 86.4 g/h,
16,500 g/h, 5130 g/h, 4 g/h, and 375 g/h for HC, CO2, CO, particulate
matter (PM), and NOx, respectively [3]. Only in the U.S., truck idling
causes emissions of more than 130 tons of PM, 12 million tons of
CO2, 35,000 tons of NOx, and 36,000 tons of CO each year [7].
Based on an average truck’s engine idle power of 50–75 kW, an
average of 2–4 kW power draw by the air conditioning system
stands for 4–8 percent of the total idling GHG emission [8–11].
Accordingly, an average amount of 5.2 g/h, 990 g/h, 308 g/h,
0.24 g/h, and 22.5 g/h for HC, CO2, CO, PM, and NOx is generated
by the truck engine only due to the air conditioning system opera-
tion; however, in most of the idling period the only purpose of run-
ning the engine is for air conditioning purpose.

In response to the increasing awareness of the adverse effects of
idling engines on human health and the environment, many cities
around the world have instituted idling restrictions and bans.
Idling reduction efforts have focused on heavy-duty diesel vehicles
because they are typically idled for extended periods. Currently in
the U.S., engine idling is prohibited in 18 states and the idling-
related legislation is propagating throughout north America [2,7].
Switzerland has laws that require motorists to turn off their
engines while waiting for the red traffic light to turn green.
England and Scotland likewise impose fines for engine idling viola-
tions while different countries like Canada, Italy, France, Germany,
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Nomenclature

COP coefficient of performance
c0 to c8 compressor polynomial constants
d0 to d8 compressor polynomial constants
cf0 to cf3 fan power consumption constants
C thermal capacity ðW=�CÞ
C⁄ thermal capacity ratio (Cmin/Cmax)
g1 to g20 equation form
h enthalpy (kJ/kg �C)
_m mass flow rate (kg/s)

W power consumption (kW)
NTU number of transfer units
_Q heat transfer rate (W)

T temperature (�C)
P pressure (kPa)
UA heat exchanger overall heat transfer coefficient (W/�C)
x1 to x20 variables

Subscripts
a air
c condensing
e evaporating

f fan
cond condenser
evap evaporator
comp compressor
TEV thermostatic expansion valve
E electrical
M mechanical
in inlet
out outlet
max maximum
min minimum
ref refrigerant
nom nominal

Superscripts
n iteration step number

Greek letters
e heat exchanger effectiveness
g efficiency
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Holland, Hong Kong, Taiwan, Japan and Singapore, regulates differ-
ent idling time limits [12].

The idling limitation has caused a major difficulty for truck dri-
vers and created a great demand for green anti-idling air
conditioning (A/C) systems [13]. MacDonald et al. [13] generally
assessed alternative anti-idling A/C systems that can respond to
this demand. They concluded that the battery powered A/C sys-
tems are one of the promising alternatives toward eliminating
engine idling. Due to the potential impact of anti-idling A/C sys-
tems on the global fuel consumption and environment, a perfor-
mance evaluation and comprehensive parametric study on these
systems is required.

Although there are numerous studies in the literature focused
on A/C system in different applications, the number of studies rele-
vant to general category of vehicle air conditioning (VAC) systems
is restricted [14–20]. A majority of the studies in the field of VAC
systems is related to assessment of refrigerant type effects on the
characteristic and the performance [20–24]. A variety of other
important parameters including: refrigerant charge, compressor
speed, and ambient temperature have also been considered
through the VAC system studies. Ratts and Brown [25] experimen-
tally analyzed the coefficient of performance (COP) of a passenger
car A/C system focusing on relationships between the COP, the
compressor revolution, and the vehicle speed. Their analysis
showed that the performance of the system degraded with increas-
ing the vehicle speed. Wang et al. [26] experimentally showed that
the COP of an VAC system decreased with increment of the refrig-
erant charge, condensing temperature and compressor speed, and
increased with increment of the evaporator air inlet temperature.
They reported the value of COP in the range of 1.1–2.5 for a variety
of operating condition. Macagnan et al. [27] experimentally inves-
tigated into the effects of refrigerant charge and compressor speed
on the cooling power and performance of a typical VAC and
showed that although the refrigerant charge did not sensibly affect
the VAC system characteristics, the compressor speed caused a
variation of the system COP in a range of 1–1.8.

Alkan and Hosoz [28] experimentally compared a variable
capacity compressor (VCC) and a fixed capacity compressor (FCC)
for an VAC system in different engine rotational speeds as well
as evaporator and condenser air stream characteristics. It was
shown that although the COP of VCC system during low engine
rpm operations is slightly poorer, it surpasses the COP of FCC sys-
tem at higher rpms. Moreover, the COP of FCC system decreases
persistently with the compressor speed increment. Jabardo et al.
[29] studied the effects of compressor speed and the evaporator
and condenser inlet air temperatures on the performance of a
VAC by developing a steady state thermodynamic simulation
model. The transient behavior of an VAC system was studied by
Tian and Li [4] using a quasi-steady state model. Also, the effects
of refrigerant charge and condenser size on the performance of a
typical VAC was studied by Lee and Yoo [19] based on a mathe-
matical model.

In addition, a variety of innovative technologies to increase the
energy efficiency of the VAC systems has been introduced in the
open literature. Waste-heat driven air conditioning systems, which
operate based on absorption or adsorption cycles, have been intro-
duced in several studies as one of the promising future sustainable
energy VAC systems [30–32]. Also, employing the microchannel
condensers as a performance enhancement technology for VAC
systems is covered in Ref. [33]. Muller [34] introduced the feasibil-
ity of employing magnetocaloric cooling for automotive industry.
Gould et al. [35] studied the effects of capturing waste heat from
the internal combustion engine exhaust to run steam pressure
exchange ejector air conditioning system for an automobile. Ünal
and Yilmaz [36] investigated into the effects of using two-phase
ejectors as the expansion valve in air conditioning system of the
buses and showed that a potential of 15% performance improve-
ment can be achieved.

The presented literature review indicates that the performance
evaluation of anti-idling A/C systems has not been studied in-
depth, and the pertinent literature lacks the following:

� Performance evaluation of anti-idling A/C systems under realis-
tic operating conditions.
� Comprehensive parametric study on the performance charac-

teristics of A/C systems equipped to variable speed fans to find
optimum COP for different ambient conditions.

The present study aims to develop a new mathematical model
as well as an experimental setup for investigation into the
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performance characteristics of a recently generated battery-pow-
ered truck anti-idling A/C unit. The study includes a comprehen-
sive performance evaluation of the unit toward finding optimum
condenser and evaporator air flow rates for each realistic ambient
condition. The results can be used to develop an intelligent control
module to adjust the fans speed of anti-idling A/C system for opti-
mum operation at each ambient condition. Accordingly, the
mathematical modeling and experimental study are both covered
in this study for a comprehensive performance evaluation of a typi-
cal anti-idling A/C system. Fig. 1 shows a typical truck anti-idling
A/C system that is utilized in this study. The system is formed of
a condensing unit, an evaporating unit, a battery box, and refriger-
ant pipelines.

The condensing unit, which is installed outside on the rear wall
of the truck cabin, consists of a scroll compressor model YWXD15
with 15 cm3/rev displacement manufactured by Nanjing Yinmao
Compressor Co., a 12 V axial fan with 0.236 m3/s nominal flow rate,
a receiver, a 2 row 14 fin/inch aluminum finned-tube coil, and a
power control unit. The evaporating unit, which is installed inside
the truck cabin, is built using a 3 row 14 fin/inch aluminum finned-
tube coil, a centrifugal fan with 0.038 m3/s nominal flow rate, a
thermostatic expansion valve (TEV), and manual temperature set
point and air speed controls. The system is powered by a package
of two 12 V batteries directly charged by the engine alternator.
Normally, 0.79 kg of HFC-134a is charged into the system as the
refrigerant.
2. Mathematical model

In this section a new mathematical model is developed for eval-
uating the performance of anti-idling truck A/C system and to
simulate thermodynamic parameters under various working con-
ditions. The major output parameter from the modeling of an A/C
system is the coefficient of performance (COP = cooling power/in-
put power). In addition to the COP, other parameters of an A/C
Fig. 1. Typical battery-powered anti-idling truck A/C: (a) condensing unit and connection
(c) batteries.
system, including: cooling power, input power, and refrigerant
mass flow rate are obtained from the modeling results.

2.1. Compressor sub-model

A map-based model is used in this study for thermodynamic
simulation of the compressor. It was experimentally shown that
this approach had a good agreement with experimental data
[37]. Second-order polynomial were developed for the compressor
input power and refrigerant mass flow rate quantities based on the
manufacturer’s test data, as shown through Eqs. (1) and (2) in
Table 1. These equations yield a maximum of 2.5% discrepancy
when compared to the manufacturer’s data. It should be noted that
the manufacturer’s data is usually provided for a fixed superheat
and subcooled magnitudes. If the A/C system is equipped to a ther-
mostatic expansion valve, the refrigerant flow rate is controlled to
achieve a preset superheat amount. Accordingly, throughout the
duty cycle the degree of refrigerant’s superheat at the outlet of
evaporator will be kept nearly constant. However, the subcooled
degree will change depending upon the imposed condition on
the system from the air-side. Therefore, a modification will be
required for different superheat and subcooled degrees. In the cur-
rent study, wide ranges of superheat and subcooled temperatures
(0–15 �C) are tested and the modified correlations of the compres-
sor model under different superheat and subcooled values are
obtained and added. The refrigerant side thermodynamic correla-
tion for the compressor is also presented in Eq. (3), see Table 1.
Based on these equations, with known inlet conditions, the state
point of the refrigerant gas at the compressor discharge can be
calculated.

2.2. Condenser and evaporator models

Energy balance correlations between the refrigerant and air
flows in condenser and evaporators are used to model heat transfer
in these components. In the present study, following [38], an
s on the rear wall of the truck cabin, (b) evaporating unit inside the truck cabin, and



Table 1
Mathematical model correlations.

Compressor sub-model Wcomp ¼ c0 þ c1Te þ c2Tc þ c3T2
e þ c4TeTc þ c5T2

c þ c6T2
e Tc þ c7TeT2

c þ c8T2
e T2

c
(1)

_mref ¼ d0 þ d1Te þ d2Tc þ d3T2
e þ d4TeTc þ d5T2

c þ d6T2
e Tc þ d7TeT2

c þ d8T2
e T2

c
(2)

_mref ðhref ;comp;out � href ;comp;inÞ ¼Wcomp � gE � gM (3)

Condenser and evaporator sub-model e ¼ _Q= _Qmax (4)
_Qmax ¼ CminðThot;in � Tcold;inÞ (5)

_Q ¼ eCminðThot;in � Tcold;inÞ (6)

e ¼ 1� exp½�NTUð1� C�Þ�=1� C� exp½�NTUð1� C�Þ� (7)
C� ¼ Cmin=Cmax; NTU ¼ UA=Cmin (8)
_Q ¼ j _maðha;in � ha;outÞj (9)

_Q ¼ j _mref ðhref ;out � href ;inÞj (10)

Wf ¼Wf ;nom cf0 þ cf1
_ma

_ma;nom

� �
þ cf2

_ma
_ma;nom

� �2
þ cf3

_ma
_ma;nom

� �3
� �

(11)

Expansion valve sub-model href ;TEV ;in ¼ href ;TEV ;out (12)

Table 2
Output parameters of the mathematical model.

Cooling power Wcomp Wf ;cond Wf ;evap Heat rejection
COP NTUevap NTUcond eevap econd

Tc href,evap,in _mref Te hg @ Te

href,comp,in href,comp,out hg @ Tc hf @ Tc href,TEV,in
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e� NTU model is employed to derive the mathematical model for
the condenser and evaporator. In this approach, the effectiveness
e is defined as the ratio of the actual heat transfer to the maximum
possible heat transfer, which Eq. (4), see Table 1. The maximum
possible heat transfer is defined in Eq. (5). The actual heat transfer
between the air stream and refrigerant flow can be calculated
using Eq. (6). To use this equation, e is required to be found from
Eqs. (7) and (8). For the selected anti-idling A/C system, the con-
denser and evaporator specifications are obtained from the manu-
facturer data. In addition to the e� NTU correlations, which
represents the heat transfer between the air and refrigerant
streams, correlations of enthalpy change for both the refrigerant
and air streams should be added to complete the heat transfer
model for the evaporator and condenser. Eqs. (9) and (10) repre-
sent the enthalpy change respectively for the air and refrigerant
streams in the condenser and evaporator. For the air stream in
the evaporator, the enthalpy is calculated based on the tempera-
ture and relative humidity to include both the sensible and latent
heat transfers. However, for the air stream in condenser, the
enthalpy of air can be simply found using the temperature and
thermal capacity of air since there is no water condensation on
the condenser coil. It should be mentioned that two heat transfer
regimes exist in the evaporator which are (1) two-phase heat
transfer relevant to saturated zone and (2) single-phase heat trans-
fer relevant to superheated zone. Also, the condenser can be
divided into three heat transfer regimes which are single-phase
superheated, two-phase saturated, and single-phase subcooled.
Due to governance of different convective heat transfer equations
for the mentioned regimes, in this study the evaporator and con-
denser are divided into two and three sub-zones, respectively.
Thus, the e� NTU model is applied for each sub-zone separately
to achieve a high level of accuracy. In addition to the heat transfer
model for the condenser and evaporator, map-based correlations
are employed to obtain the fans power consumption using manu-
facturer’s datasheets [39], see Eq. (11) in Table 1.

2.3. Thermostatic expansion valve model

Following [37], an isenthalpic model is selected for thermody-
namic simulation of the thermostatic expansion valve in the pre-
sent study. In this model, as a result of adiabatic assumption, the
inlet and outlet refrigerant enthalpies are considered the same,
see Eq. (12).

2.4. Numerical solver

Developing the mathematical model for anti-idling truck A/C
system, including Table 1 correlations and the condenser and evap-
orator overall heat transfer relationships as well as thermodynamic
properties correlations of HFC-134a, leads to a set of 20 coupled
nonlinear equations that has to be solved simultaneously. The A/
C system unknown parameters ðx1 � x20Þ, which are calculated
using the mathematical model, are listed in Table 2.

A Newton–Raphson method is employed to develop an iterative
numerical code in C for solving the set of nonlinear correlations
presented in Eq. (13) [40]. In this method, the derivatives of all
the equations are calculated with respect to all the unknowns
and a Jacobian matrix is formed. During an iterative solution pro-
cedure, all the unknowns are calculated at any iteration (n) and
used for the next iteration (n + 1), see Eq. (14). The iterative proce-
dure is repeated until the maximum relative residual for all the
unknown parameters becomes less than 0.001.

g1ðx1 ¼ Cooling power; x2 ¼Wcomp; . . . ; x20 ¼ href ;TEV ;inÞ ¼ 0
g2ðx1 ¼ Cooling power; x2 ¼Wcomp; . . . ; x20 ¼ href ;TEV ;inÞ ¼ 0

..

.

g20ðx1 ¼ Cooling power; x2 ¼Wcomp; . . . ; x20 ¼ href ;TEV ;inÞ ¼ 0

8>>>><
>>>>:

ð13Þ
xnþ1
1

..

.

xnþ1
20

2
664

3
775 ¼

xn
1

..

.

xn
20

2
664

3
775�

@g1
@x1

. . . @g1
@x20

..

.

@g20
@x1

. . . @g20
@x20

2
6664

3
7775

�1

xn
i

�

g1ðxn
i Þ

..

.

g20ðxn
i Þ

2
664

3
775 ð14Þ
3. Experimental setup

A new test-bed was designed and built to simulate real-time
operating condition of the anti-idling truck A/C system in our
lab. The test-bed should consist of two independent sources of con-
ditioned air supply to impose any desired temperature and humid-
ity at the air inlet to evaporator and condenser. Accordingly, for the
test-bed two separate environmental chambers are required; one
connected to the evaporator and the other one connected to the
condenser. A schematic of the test-bed is presented in Fig. 2. The
schematic shows that a number of temperature, pressure, and rela-
tive humidity sensors as well as velocity and mass flow meters are
employed in the test-bed to obtain the required data.
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Fig. 2. Experimental setup schematic (solid lines = air flow, dashed lines = refrigerant flow, T = temperature sensor, P = pressure sensor, M = mass flow meter, V = velocity
meter, RH = relative humidity sensor).
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A photo of the built test-bed is shown in Fig. 3. The con-
denser-side air duct is detached for this photo to have a better
observation. The test-bed consists of an anti-idling A/C system
installed on a portable base with duct connections to the
environmental chambers. Booster fans are installed to compen-
sate pressure drop in the ducting system to provide the nominal
air flow rates for both the condenser and evaporator coils. T-type
thermocouples from OMEGA with ±0.1 �C accuracy are installed
at 4 locations on the evaporator and condenser air streams.
Moreover, two wind sensors model MD0550 with accuracy of
±0.15 m/s from Modern Device are installed to measure the
velocity for both the evaporator and condenser air flows.
Additionally, two Rotronic humidity sensors model HC2-S3 with
±0.8% RH accuracy are installed to measure humidity at inlet
and outlet of the evaporator air stream.
T-type thermocouples (from OMEGA with ±0.1 �C accuracy) and
pressure transducers model PX309 manufactured by OMEGA with
0.25% accuracy are installed at four locations of the A/C unit to
measure both the high and low temperatures/pressures of the
refrigerant. Micro Motion 2400S transmitter with 0.5% accuracy
from Emerson Electric Co. is utilized to log the refrigerant mass
flow rate. Three Chroma programmable DC power supplies model
62012P-40-120 are employed to feed and measure the power con-
sumption of the compressor and fans. An NI instrument Data
Acquisition System (DAQ), model 9184, is used to collect the input
data from the thermocouples, pressure transducers, refrigerant
flow meter, velocity meters, and power supplies, and send them
to a computer. LabVIEW software is employed to obtain all the
measured data from equipment and save them into a file. The fre-
quency of all the measurements is 60 Hz.



Fig. 5. Verification of the model (lines) with experimental data (symbols),
evaporator air outlet temperature ðTa;evap;outÞ vs. condenser air inlet temperature
ðTa;cond;inÞ.

Fig. 6. Verification of the model (lines) with experimental data (symbols),
Evaporating temperature ðTeÞ vs. condenser air inlet temperature ðTa;cond;inÞ.
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4. Results and discussion

In spite of undergoing a transient ambient temperature behav-
ior for common truck A/C systems due to movement, the anti-
idling A/C system is used while the truck is not moving.
Accordingly, the operating condition for the anti-idling A/C system
can be assumed steady state with a good approximation. However,
the ambient temperature is different from location to location and
smoothly varies during the anti-idling period. Therefore, our
steady state experimental and mathematical studies are carried
out in a wide range of 20–60 �C for the condenser air inlet tem-
perature and 10–50 �C for the evaporator air inlet temperature.
The experiments show that it takes around one hour to arrive at
steady state condition for each test, see Fig. 4. After achieving the
steady state condition, average values of each parameter are uti-
lized for the purpose of model verification and system performance
analysis.

4.1. Model verification, effect of condenser air inlet temperature on
COP

To verify the developed mathematical model, experimental data
for a wide range of operating condition is obtained using the cus-
tom-built test-bed describe in Section 3. Condenser air inlet tem-
perature Ta;cond;in is one of the most effective parameters on the
performance of an A/C system. Since the condenser is installed
exposed to the ambient air, the Ta;cond;in represents the ambient
temperature. Fig. 5 shows a comparison between the mathematical
model and experimental data for air temperature at the outlet of
evaporator Ta;evap;out in a wide range of evaporator air inlet tem-
perature Ta;evap;in. It should be mentioned that the relative humidity
of inlet air is kept at 50% for all the Ta;evap;in. Also, the evaporator
and condenser air flow rates are kept at the nominal capacities that
are 0.04 and 0.25 kg/s, respectively. This figure shows that even for
a constant Ta;evap;in, increasing the Ta;cond;in causes a gradual incre-
ment in the evaporator air outlet temperature Ta;evap;out . This behav-
ior can be explained based on the condensing and evaporating
temperatures of the refrigeration cycle Tc; Te. Increasing the
Ta;cond;in directly increases the Tc in order to keep the temperature
gradient for a sufficient heat rejection rate. The Tc increment leads
to a higher condensing pressure Pc . Therefore, based on the com-
pressor characteristics as a turbo-machine and the expansion valve
properties, the low pressure (evaporating pressure Pe) and mass
flow rate of refrigerant will change correspondingly.
Steady state condition

Fig. 4. Steady state condition achievement – measured refrigerant side
temperature.
Fig. 6 presents a comparison between the mathematical model
and the obtained experimental data for evaporating temperature
Te and shows that by increasing Ta;cond;in, the Te increases and the
rate of this increment is higher for a higher Ta;evap;in. Increment of
Te is due to increment of evaporating pressure Pe which comes
from condensing pressure Pc enhancement due to rise of Tc.

Also, Figs. 7–10 show the behavior of refrigerant mass flow rate,
total system power consumption, cooling power, and COP, respec-
tively. Fig. 7 indicates that by increasing Ta;cond;in for any constant
Ta;evap;in, which results in increment of both Te and Tc , the refriger-
ant mass flow rate increases. Additionally, for any constant Ta;cond;in,
increasing Ta;evap;in brings to an increment of refrigerant mass flow
rate. The main reason of mass flow rate increment at higher Ta;cond;in

and Ta;evap;in is the refrigerant’s density increment because of higher
Pc and Pe. Because the compressor operates at a same speed, it
moves higher mass flow rate of refrigerant at larger Pc and Pe

due to the higher density. Based on this observed behavior, one
can conclude that working under warmer ambient condition,
which increases both Ta;cond;in and Ta;evap;in, leads to increment of
refrigerant mass flow rate.

Due to refrigerant mass flow rate increment as well as pressure
ratio changes, the total power consumption increases by increasing
the Ta;cond;in, see Fig. 8. A same trend exists for Ta;evap;in increment at
any constant Ta;cond;in that means in relatively warmer areas a
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refrigeration unit draws more full-load power than in colder areas
under a same duty cycle.

Furthermore, as can be observed in Fig. 9, by increasing Ta;cond;in

for any constant Ta;evap;in, the cooling capacity of the system
decreases. This decrement is as a result of reduction in the air-re-
frigerant temperature difference due to Te increment for a constant
Ta;evap;in. However, this figure shows that for any constant Ta;cond;in,
Fig. 9. Verification of the model (lines) with experimental data (symbols), cooling
power vs. condenser air inlet temperature ðTa;cond;inÞ.

Fig. 10. Verification of the model (lines) with experimental data (symbols), COP vs.
condenser air inlet temperature ðTa;cond;inÞ.

Fig. 8. Verification of the model (lines) with experimental data (symbols), total
power consumption vs. condenser air inlet temperature ðTa;cond;inÞ.

Fig. 7. Verification of the model (lines) with experimental data (symbols),
refrigerant mass flow rate ð _mref Þ vs. condenser air inlet temperature ðTa;cond;inÞ.
increasing Ta;evap;in results in a higher cooling capacity of the sys-
tem. Therefore, increasing the ambient temperature (higher
Ta;cond;in and Ta;evap;in) may increase or decrease the total cooling
capacity of the system depending upon the thermal insulation of
the conditioned space. In other words, if the thermal insulation
of the conditioned space prevents an intensive temperature rise
inside the space after an intensive ambient temperature increment
(increasing Ta;cond;in for almost a constant Ta;evap;in), the cooling
capacity of the system will drop. However, if a poor insulation lets
the indoor temperature to increase by ambient temperature incre-
ment, the provided cooling by the system will increase though the
total efficiency degrades due to higher thermal losses.

Finally, for any constant Ta;evap;in, the power consumption incre-
ment and cooling capacity decrement of the system by increasing
Ta;cond;in leads to a COP decrement that can be observed in Fig. 10.
However, increasing Ta;evap;in for any constant Ta;cond;in slightly
increases the system COP. Based on this behavior, one can conclude
that increasing the thermostatic set point of the conditioned space
(higher Ta;evap;in) for any ambient condition will result in a higher
COP.

The maximum relative discrepancy between the model output
and the measured values is 10.6% emerging from cooling load
results. For the rest of the presented parameters, the maximum
relative discrepancy between the modeled and the measured val-
ues is less than 10%. The main sources of relative discrepancy
between the model and experimental data come from either mea-
suring equipment (minor error – from experimental data) or sub-
models (major error – from model outputs) inaccuracies. Since
there are a variety of characteristic parameters existing in the
sub-model correlations (dimensions of coils and fins, heat transfer
properties of coil/fin material, refrigerant thermodynamics proper-
ties, convective heat transfer coefficients, etc.), which are affected
by measurement or round-off errors and impurities, the model
results and experimental data cannot be exactly the same. In this
study, the heat exchangers characteristic given by the manufac-
turer especially the material properties is the main source of rela-
tive difference between the developed model and the experimental
results.
4.2. Effects of condenser air flow rate on COP

To investigate the effects of condenser fan speed on the system
performance, in this section a wide range of condenser air flow rate
_ma;cond is modeled and the results are presented. In addition to par-

tial flow rates of the existing condenser fan (33–100% of the



Fig. 13. Cooling power vs. condenser air flow rate ð _ma;condÞ.
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nominal fan capacity 0.25 kg/s), higher flow rates (100–167%) are
also simulated to assess the possibility of performance improve-
ment by replacing the existing fan with a higher capacity one.
The evaporator air inlet temperature is assumed to be kept at
20 �C and the evaporator fan is set at nominal speed. Figs. 11–14
respectively represent the variations of refrigerant flow rate, total
system power consumption, cooling power, and COP for the men-
tioned range of _ma;cond based on the mathematical modeling.

Fig. 11 shows that the refrigerant mass flow rate _mref continu-
ously decreases with higher rate at smaller _ma;cond (less than 80%
of the nominal capacity: �0.2 kg/s). This decrement is due to
higher heat transfer rate at larger _ma;cond which reduces the con-
densing temperature Tc and the corresponding pressure Pc. The
Pc reduction results in evaporating pressure Pe decrement.
Accordingly, the total refrigerant pressure in the cycle decreases
and results in lower refrigerant density which brings to a lower
_mref for a constant speed compressor operation. However, beyond

almost 80% of the nominal _ma;cond (�0.2 kg/s) the variation of _mref

becomes less sensible. This behavior is due to power consumption
increment beyond the mentioned _ma;cond, see Fig. 12, that increases
the total heat rejection rate at the condenser. The increment of
heat rejection basically increases Tc and negates the effect of
_ma;cond enhancement on reducing Tc and thus, the _mref will no

longer reduce remarkably.
Also, Fig. 12 indicates that by increasing _ma;cond; the total power

consumption first decreases to a point of minimum power due to
predominance of compressor power reduction, then increases
due to predominance of condenser fan power increment. The
Fig. 11. Refrigerant flow rate vs. condenser air flow rate ð _ma;condÞ.

Fig. 12. Total power consumption vs. condenser air flow rate ð _ma;condÞ.

Fig. 14. COP vs. condenser air flow rate ð _ma;condÞ.
compressor power reduction appears due to decrement of both
the refrigerant mass flow rate and cycle’s high pressure.
However, as the refrigerant flow rate variation becomes negligible
after almost 80% of the nominal _ma;cond; the compressor power con-
sumption also does not change remarkably. Meanwhile, the con-
denser fan’s power consumption continuously increases and
results in total power increment.

From Fig. 13 one can conclude that the cooling power continu-
ously increases with higher rate at smaller _ma;cond (less than 80% of
the nominal capacity). This trend is more pronounced at higher
ambient temperature. A more significant gap between the cooling
power curves at higher ambient temperatures indicates a remark-
able cooling capacity loss of the system in hot zones. The steeper
increment of cooling power at smaller _ma;cond is due to more sensi-
ble reduction of Te (as a result of Tc reduction) which increases the
refrigerant-air temperature difference at evaporator. However,
after almost 80% of the nominal _ma;cond; increasing the _ma;cond value
does not contribute to sensible changes in Te and thus, the cooling
power will no longer change sensibly.

Finally, it can be concluded from Fig. 14 that the COP first
increases to a point of maximum value because of the cooling
power increment and power consumption decrement, and then it
starts to decrease. The decrement of COP is because of negligible
increment of cooling power while the power consumption is
increasing more sensibly. Therefore, due to a higher rate of power
consumption increment than the cooling power growth, the COP
starts to decrease. Based on this behavior, for each ambient



Fig. 17. COP vs. evaporator air flow rate ð _ma;evapÞ.
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temperature, a point of optimum COP can be found by changing
the speed of the condenser fan. Therefore, installing and using a
constant speed fan for the condenser of an A/C system brings to
a low COP operation for most of the duty cycle. On the flip side,
equipping an A/C system to a variable speed fan for the condenser,
even if it is simply controlled based on the ambient temperature,
can improve the performance of the system significantly.

4.3. Effects of evaporator air flow rate on COP

Figs. 15–17 represent the behavior of total power consumption,
cooling power, and COP vs. evaporator air flow rate _ma;evap for a
wide range of ambient temperatures based on the modeling. The
evaporator air inlet temperature for all of the cases is assumed to
be kept at 20 �C and the condenser fan is assumed to be set at its
nominal speed. Similar to the condenser air flow rate parameter
in Section 4.2, in this section a wide range of 33–167% of nominal
capacity is assumed for the _ma;evap. From Figs. 15 and 16 one can
conclude that both the power consumption and cooling power
increase by increasing _ma;evap for any constant _ma;cond and Ta;cond;in:

The cooling power increment emerged from higher heat transfer
rate for larger _ma;evap values. Furthermore, due to increment of heat
transfer rate at evaporator, the evaporating temperature and pres-
sure will rise that brings to a higher refrigerant density.
Accordingly, the compressor power consumption will increase that
contributes to power consumption increment of the system.
However, the cooling power increment dominates the power con-
sumption increment that results in continuous COP enhancement
Fig. 16. Cooling power vs. evaporator air flow rate ð _ma;evapÞ.

Fig. 15. Total power consumption vs. evaporator air flow rate ð _ma;evapÞ.
by increasing _ma;evap for any constant _ma;cond and Ta;cond;in. The rate
of COP increment is higher at smaller _ma;evap. Comparing the effects
of evaporator and condenser air flow rates on COP shows that
although the _ma;cond can bring to optimum COP for the A/C system,
the _ma;evap does not result in optimum values; however, the _ma;evap

plays an important role in the magnitude of the system COP. In
Figs. 18–20, the A/C system power consumption, cooling power,
and COP for a wide range of _ma;cond and _ma;evap are presented based
on modeling. The evaporator and condenser air inlet temperatures
(Ta;evap;in; Ta;cond;in) are set at 26.7 and 35 �C respectively, based on
ANSI/AHRI standard 210/240-2008. In addition to the mentioned
Ta;evap;in; Ta;cond;in set points, the simulations are carried out for other
set points and the trends of the results are similar to the presented
ones.

Fig. 18 shows that the power consumption first decreases to a
point of minimum power (compressor power reduction predomi-
nancy), then starts to increase (condenser fan power increment
predominancy). Furthermore, Fig. 19 shows that cooling power
increases by increasing the _ma;cond or _ma;evap; however, the rate of
increment at smaller _ma;cond or _ma;evap is more considerable.
Similar to the results of Section 4.2, this behavior is emerged from
the variations of Te, Tc , and refrigerant mass flow rate. From Fig. 20
one can conclude that for a given Ta;evap;in and Ta;cond;in, which
respectively represent the vehicle cabin temperature and the
ambient temperature, and any evaporator fan speed adjustment
by the truck driver, there is a point of optimum COP for the system
that can be achieved by setting the condenser fan speed. The
Fig. 18. Total power consumption vs. condenser and evaporator air flow rates
ð _ma;cond; _ma;evapÞ.



Fig. 19. Cooling power vs. condenser and evaporator air flow rates ð _ma;cond; _ma;evapÞ.

Maximum COP

Fig. 20. COP vs. condenser and evaporator air flow rates ð _ma;cond; _ma;evapÞ.

182 F. Bagheri et al. / Energy Conversion and Management 98 (2015) 173–183
magnitude of the system’s optimum COP increases by increasing
the _ma;evap. Although the rate of this increment is significant at
smaller _ma;evap, it becomes nearly negligible at larger _ma;evap: For
the presented ANSI/AHRI 210/240-2008 condition, the maximum
achievable COP is appeared at 200% of nominal _ma;evap and 125%
of nominal _ma;cond: Finally, it can be concluded that for any vehicle’s
cabin temperature set point (Ta;evap;in) and ambient temperature
(Ta;cond;in), based on the cooling demand, which can be calculated
from common heat balance methods, an appropriate _ma;evap can
be found to satisfy the demand (referring to Fig. 19). Then, utilizing
the found _ma;evap; an optimum condenser fan speed that con-
tributes to the maximum system COP can be obtained (referring
to Fig. 20). Accordingly, the COP of A/C system can be improved
by developing an intelligent control to find the optimum condenser
and evaporator air flow rates for any operating condition and com-
mand the fans to provide the obtained flow rates. The obtained val-
ues showed that there is a potential of 11% improvement in the
COP of system. Based on this logic, the total performance of exist-
ing truck A/C systems can be significantly improved to achieve a
high level of fuel conservation by either adding or even replacing
the common engine-driven units with battery-powered anti-idling
A/C units equipped to the intelligent control module. Based on the
introductory presented literature data on fuel consumption and
GHG emission and the obtained 11% COP improvement potential,
it can be concluded that for each truck at least 0.33 lit/h in fuel
consumption (at most 2.3–7.6 lit/h if using of anti-idling A/C
system results in complete engine shut-off) can be saved during
the idling period (average of 11 h/day for long-haul trucks) if the
common A/C systems are replaced by the intelligently controlled
anti-idling types. This replacement will contribute to at least
5.8 g/h, 1099 g/h, 342 g/h, 0.27 g/h, and 25 g/h respectively for
HC, CO2, CO, PM, and NOx emissions reduction during the idling
period.
5. Conclusions

This paper presented a mathematical and experimental
investigation into anti-idling A/C system for trucks. One of the
recently developed battery-powered anti-idling A/C systems was
employed to build a test-bed. A new mathematical model, which
simulated the thermodynamic and heat transfer characteristics of
the A/C systems based on the component sub-models, was devel-
oped. Various temperature, pressure, electric power, and flow rate
measuring devices were utilized in the test-bed to collect real-time
data for the mathematical model verification. Using the test results
for a wide range of operating conditions, accuracy of the mathe-
matical model was verified with a maximum relative discrepancy
of 10.6%. Utilizing the verified model, a comprehensive study on
different parameters of the anti-idling A/C system including: con-
denser air inlet temperature Ta;cond;in (represents the ambient tem-
perature), evaporator air inlet temperature Ta;evap;in (represents the
air conditioned space temperature), condenser air flow rate _ma;cond,
and evaporator air flow rate _ma;evap, was carried out. The followings
were mainly concluded from the parametric study:

� Increasing Ta;cond;in for any constant Ta;evap;in leads to decrement
of the system COP due to the cooling power reduction and
power consumption increment.
� Increasing _ma;cond, which represents the condenser fan speed

increment, for any constant Ta;cond;in increases the cooling power
of the system. The rate of cooling power increment is significant
at lower _ma;cond; however, it becomes slighter at higher _ma;cond.
Also, by increasing _ma;cond, due to continuous decrement of the
compressor power consumption while the condenser fan power
consumption increases, the total power consumption first
decreases at lower _ma;cond and then increases at higher _ma;cond.
Consequently, the COP first increases at lower _ma;cond and then
decreases at higher _ma;cond that leaves a point of optimum COP
for the system.
� Increasing _ma;evap, which represents the evaporator fan speed

increment, for any constant Ta;cond;in increases the cooling power,
total power consumption, and COP of the system. The rate of
these increments is more significant at lower _ma;evap.
� Increasing _ma;cond for any constant _ma;evap slightly increases the

cooling power of the system. However, the total power con-
sumption first decreases at lower _ma;cond and then increases at
higher _ma;cond. Eventually, the COP first increase and then
decreases that leaves a point of optimum COP for the system.
� It was concluded that for any vehicle’s cabin temperature set

point, ambient temperature, and cooling demand, the appropri-
ate evaporator and condenser fan speeds can be found that
brings to an optimum COP for the system (at least 11% improve-
ment in COP). Based on the obtained results, if an intelligently
controlled anti-idling A/C system is added to a truck to perform
only during the idling period, at least 0.33 lit/h in fuel consump-
tion (at most 2.3–7.6 lit/h if using of anti-idling A/C system
results in complete engine shut-off) and 5.8 g/h, 1099 g/h,
342 g/h, 0.27 g/h, and 25 g/h respectively for HC, CO2, CO, PM,
and NOx emissions can be reduced.
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